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Abstract Prediction of the thermo-mechanical behavior of machine-tool spindles is essential in the
reliable operation of high speed machine tools. In particular, the performance of these high speed
spindles is dependent on their thermal behavior. The main source of heat generation in the spindle is the
friction torque in angular contact ball bearings. This paper presents an effort to develop a comprehensive
model of high speed spindles that includes viable models for the mechanical and thermal behavior
of its major components, i.e., bearings, shaft and housing. Spindle housing and shaft are treated as
six-degree-of-freedomTimoshenko beamelements. Bearings aremodeled as two-node elementswith five
displacements and a thermal load component at each node. Mutual interaction between the thermal and
structural behavior of both spindle shaft/housing and bearings is characterized through thermal expansion
and the rate of heat generation/transfer. Components are combined to form a finite element model for the
thermo-mechanical analysis of spindle-bearing systems.
The results of simulation for a typical spindle system are presented.
© 2012 Sharif University of Technology. Production and hosting by Elsevier B.V.
Open access under CC BY-NC-ND license.1. Introduction
Machining, in general, remains a major manufacturing
process in various industries. Almost all metal parts go through
machining at some stage of their production. Therefore, any
progress in machining techniques would have a significant
effect on the cost and timing of manufacturing. High speed
and high precision machine tools have become a major trend
of machining industries in recent years. At the heart of these
machine tools are high speed spindles that can deliver rotations
to the order of tens of thousands of revolutions per minute.
The performance and reliability of these high speed spindles
are essential to this process. High speed spindles are known
to suffer from lack of reliability and sudden failure, which
originate, mostly, from thermal loads [1]. In order to ensure
the reliable operation of spindles, it is necessary to predict the
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Open access under CC BY-NC-ND license.thermo–mechanical behavior of high speed spindles. Themajor
sources of heat in a spindle systemare contact forces at bearings
and the friction forcewith an environmental air and rotor/stator
in motorized spindles. Angular contact ball bearings are the
most commonly used types of bearing in machine tools. These
bearings are usually subjected to preloads, in addition to
externally applied loads, to obtain the required stiffness [1].
Thermal loads cause the preload to vary, creating a thermal
preload. Heat generation in angular contact ball bearings occurs
due to three phenomena: load-related, viscosity-related and
spin-related heat generation. Since themechanical and thermal
characteristics of a spindle system have a mutual effect on
each other, the accurate thermo–mechanical modeling of ball
bearings and the spindle shaft is essential in prediction of the
spindle response to mechanical and thermal load, and will help
in designing more reliable spindles.
An early attempt at modeling the behavior of ball bearings
is due to Palmgren [2]. He considered two degrees of freedom
(axial and radial) for the relative displacement of bearing rings,
and evaluated heat generation due to rolling resistance, ex-
perimentally. As a two-degrees-of-freedom model, Palmgren’s
formulation could not account for the bending deflection of
bearing shafts. This model also disregarded loads due to high
speed effects. Jones [3] was the first to consider high speed
effects in ball bearings in the form of centrifugal force and
gyroscopic moment. He considered 5 degrees of freedom, 3 lin-
ear and 2 rotational, for the relative displacement of bearing
rings and evaluated nonlinear contact forces based on Hertz’s
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tions of rolling elements were calculated and then combined to
form a bearing force–deformation relationship. DeMul et al. [4]
presented bearing dynamic Equations in matrix notation. They
included centrifugal forces in their formulation, but neglected
gyroscopic moments. This model could analytically calculate
the Jacobian matrix for the bearing leading to its stiffness ma-
trix. Filiz and Gorur [5] established a model for the incremen-
tal stiffness matrix of bearings under radial and axial loads.
This incremental model was actually a simplified model of
the differential stiffness proposed by Jones and DeMul et al.
Ryan [6] developed a program for rolling bearing systems anal-
ysis that had two modes of operation; the first mode could
calculate forces resulting from shaft displacements as input
variables, whereas the second mode could determine displace-
ments resulting from applied forces and moments as input
data. As shaft/housing and bearings were analyzed separately
in this code, coupling effects could not be considered. Houpert
[7] calculated bearing forces in a five-degree-of-freedom for-
mulation, which was simpler than the Jones model, but ne-
glected high speed effects and spontaneous changes in contact
angles. Hernot et al. [8] transformed Palmgren’s two-degree-of-
freedom model and Houpert’s five-degree-of-freedom model
into matrix notation. Harris [9] formulated Jones’s model in
terms of force equilibrium relations and added contributions
to Palmgren’s thermal model by considering spin-related heat
generation. A matrix formulation of Harris’ model was pro-
posed by Cao [10]. Zaretsky et al. [11], Zaretsky [12] have re-
viewed the most common bearing-life-prediction-models and
have also compared the conservativeness of their predictions.
Masjedi et al. [13] combined Houpert’s and Cao’s model to sim-
plify the effects of high speed loads through introduction of a
mean contact angle.
Most of the models discussed above focus on the mechani-
cal behavior of the systems and disregard their thermal charac-
teristics. However, there have also been attempts to model the
thermal behavior of bearings. Palmgren [2] presented the first
model for heat generation within the bearing through empir-
ical relations. Bossmanns and Tu [14] adopted a complex heat
transfer flow diagram of a transient finite difference analysis.
Their model was prepared according to Palmgren’s relations. Li
and Shin [15] used the finite element method and formulated a
thermo–mechanicalmodelwhich considered the dynamic stiff-
ness of bearings, contact forces, temperature distributions and
thermal expansions. This model could not be easily adapted to
a variety of system geometries and disregarded gyroscopic ef-
fects. Harris [9] modified Palmgren’s model for heat generation
and developed a model for heat generation and heat transfer
within rolling element bearings.
The finite element method was first applied to a spindle-
rotor system analysis by Ruhl and Booker [16]. Nelson [17]
treated the spindle as an Euler–Bernoulli beam, with effects
of rotary inertia, gyroscopic moment and axial load. Equations
of motion were derived in finite element notation using fixed
and rotary coordinate systems. Zorzi and Nelson [18] added
internal damping to the previous model. Nelson [19] adapted
his model with the Timoshenko beam theory and, therefore,
included shear deformation at high diameter to length ra-
tio beams. Wang and Chang [20] conducted a finite element
analysis of spindle-bearing systems using the Rayleigh beam
theory, which did not consider high speed effects. Cao and Al-
tintas [21] proposed a general procedure for the mechanical
modeling of spindle systems incorporating shaft, housing, an-
gular contact ball bearings, tool and tool holder. Movahhedyand Mosaddegh [22] applied the finite element method to a
system of spindle, tool and tool holder using the Timoshenko
beam theory, and analyzed gyroscopic effects in the stabil-
ity of the milling process. An integrated thermo–mechanical
finite element model for spindles was prepared by Holkup
et al. [23]. They used a commercial finite element software
(ANSYS) and modeled spindle shaft, housing and bearings as
axisymmetric elements, where contact/geometrical nonlinear-
ities and couples thermo–mechanical effects were considered.
Abele et al. [24] presented the state-of-the-art in modeling the
thermal and dynamical behavior of spindle units, with empha-
sis on motorized spindles, where they have focused on sensing
and actuating concepts on the basis of more productivity and
reliability.
In this research, a thermo–mechanical model is presented
for predicting the dynamic and thermal response of high
speed spindles. Compatible mechanical models for the bearing
and spindle are coupled with thermal analysis. A bearing
mechanicalmodel allows for all types of loading condition, such
as external loads, initial/thermal preload and high speed load,
and non-linear contact forces. The thermal model considers
heat generation, transient thermal behavior, heat transfer
within bearing elements, thermal contact resistances and
heat flow through components and surroundings. A two-node
bearing element, with five mechanical and one thermal degree
of freedom per node, is developed. The bearing elements
are assembled with shaft/housing elements in the finite
element analysis. Spindle shaft and housing are modeled as
Timoshenko beam elements, with two nodes and six degrees
of freedom (three linear displacements, two radial rotational
displacements and a temperature) per node. Thermal and
structural fields are coupled, so that mutual interactions, such
as thermal expansion and rate of heat generation/transfer,
are incorporated. Finally, the developed finite element model
is used to simulate the behavior of some typical spindle-
bearing systems and its validity is examined against available
experimental data.
2. Bearing model
2.1. Mechanical modeling
In the mechanical modeling of the bearing, five degrees
of freedom are considered for the relative displacement of
the inner ring with respect to the outer ring. Without loss of
generality, the outer ring is assumed to be fixed, because any
displacement of outer rings can be included by attributing them
to the inner ring with a minus sign. The bearing degrees of
freedom are shown in Figure 1. These consist of three linear
displacements (δx, δy, δz) and two rotations (γy, γz). θ is the
nominal contact angle of the bearing ball.
In order to analyze the bearing kinematics, the internal
configuration of rolling elements and their load equilibrium
should be considered. General forces acting on a rolling element
are shown in Figure 2.
The instantaneous contact angles of the inner and outer rings
are denoted by αi and αo, respectively. These angles differ from
the nominal contact angle, θ . Qi and Qo are inner and outer
contact zone forces and are evaluated by the Hertzian contact
theory as follows:
Qij = χijK ijδijn, (1)
Qoj = χojK ojδijn, (2)
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Figure 2: Forces and moments acting on the jth rolling element.
where coefficient K is the load–deflection factor, which
depends onmaterial properties and the geometry of contact [9],
δ is deflection due to applied load, exponent n equals 3/2 for
ball bearings and χ is zero if δ < 0. Fc and Mg are centrifugal
force and gyroscopic moment, respectively, and are adopted
from Ref. [9].
The global bearing equilibrium under the action of external
loads transmitted from the shaft and housing can be established
by summation of individual ball forces over all rolling elements.
The force-equilibrium relationship in rolling bearings is nonlin-
ear, because contact forces depend on bearing global displace-
ments, which in turn are dependent on bearing forces. Thus, the
global equilibrium should be satisfied iteratively [10]. Differ-
entiating the force components, with respect to displacement
components at inner and outer raceway contacts, leads to bear-
ing inner andouter stiffnessmatrices, [Ki] and [Ko], respectively.Finally, the 10×10 structural stiffness matrix (details are given
by Cao [10]) of the bearing is obtained:
KB =

Ki −K i
−Ko Ko

. (3)
2.2. Thermal modeling
The mechanical and thermal processes in a bearing are
coupled. This couplingmanifests itself in the thermal expansion
of components and the change of mechanical properties due to
heat flow through mechanical parts. The temperature at which
a bearing operates depends on factors, such as applied load,
operating speeds, lubricant properties, bearing arrangement,
and housing design and environment. All these factors affect
either heat generation or heat transfer. The thermal model
includes heat generation and heat transfer within the bearing
and the spindle shaft and housing. The development in this
section is mainly based on relationships given in [9].
2.2.1. Heat generation
Heat generation in angular contact ball bearings can be
load-related, viscosity-related and/or spin-related. According to
Palmgren [2], the friction torque, Ml, leading to load-related
heat generation, can be calculated:
Ml = f1Fβdm, (4)
where dm is the mean diameter of the bearing. If Fa and Fr are
bearing axial and radial loads, respectively, and θ is the nominal
contact angle (the contact angle at no-load condition), Fβ is
obtained as below [9]:
Fβ = max (0.9Fa cot θ − 0.1Fr , Fr) . (5)
f1 is a factor depending on bearing design and loading. For ball
bearings, we have:
f1 = z (Fs/Cs)y . (6)
Fs is the equivalent static load and Cs is the basic static load
rating, which are provided by the manufacturer’s data. For ball
bearings with contact angles between 20 and 40°, y = 0.33 and
z = 0.001 [9].
There are complicated analytical methods to evaluate
viscosity-related heat generation, but, for standard bearing
types, the following empirical relations are proposed by
Harris [9]:
Mv = 10−7f0 (ν0n)2/3 dm3 ν0n ≥ 2000,
Mv = 160× 10−7f0dm3 ν0n < 2000.
(7)
ν0 is the kinematic viscosity of the lubricant in centistokes and n
is speed in rpm. f0 is a factor that depends on bearing type and
type of lubrication. f0 values for angular contact ball bearings
are listed in Table 1. The f0 factor for an oil bath is reported to
be higher than that of grease lubrication, which might be due
to higher drag force and overall applied rotational resistance to
motion in the oil bath in comparison with grease.
As kinematic viscosity is strongly temperature dependant,
temperature variations should be considered. Mean bearing
temperature is considered as lubricant temperature.
Gyroscopic moments (Figure 2) associated with the orbital
movement of rolling elements tend to rotate them around their
contact points with the rings. The resistance to this movement
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Type of lubrication
Grease Oil mist Oil bath
f0 2 1.7 3.3
leads to a friction torque and subsequent spin-related heat
generation [9]:
Ms = 3µQaξ8 . (8)
µ is friction factor, a is the major axis of the elliptical contact
zone, ξ is the elliptical integral of a 2nd kind over the contact
area [9], andQ is the contact force given in Eqs. (1) and (2). Spin-
related heat generation is obtained by summingup the products
of spin moments and speeds over all contact zones.
Dividing the load and viscosity-related heat generations
equally between inner and outer raceway contacts, and
evaluating spin speeds according to [9], the total bearing heat
generation at inner and outer raceways can be calculated:
qfi = 0.5ω (Mli +Mv)+
Z
j=1
ωsijMsij,
qfo = 0.5ω (Mlo +Mv)+
Z
j=1
ωsojMsoj.
(9)
ω is the bearing rotational speed in (rad/s), Z is the number of
rolling elements, and ωsij and ωsoj are spin speeds at the inner
and outer contact zones associated with the jth rolling element.
It can be assumed that the heat generated at each contact zone
is divided equally between contacting bodies. Thus, the heat
entering the inner ring, the outer ring and balls are given as:
Q˙i = 0.5qfi, Q˙o = 0.5qfo, Q˙b = 0.5

qfi + qfo

. (10)
2.2.2. Heat transfer
Heat generated in the bearing flows through components
mainly by conduction and convection:
• Conduction between balls and rings and between rings and
shaft/housing.
• Convection between bearing and lubricant/surrounding
fluids, lubricant and shaft/housing and between housing and
surrounding air.
Heat transfer by radiation is not expected to be very significant
at the range of temperatures common to bearings. At higher
temperatures, it could be included by linearizing the radiation
equation, and adding it to the terms related to convective heat
transfer.
In general, rings and rolling elements have different
temperatures, and a thermal contact resistance exists between
them (Figure 3(a)) that depends on contact properties.
Thermal resistance for a half-space is calculated as [9]:
R = 1
2πλa
 π/2
0
dθ
1−

1
κ2

sin2 θ
. (11)
In which λ is the conductivity of the half-space, a is the major
axis of the elliptical contact area and κ is the ratio of its minorto major axis. The above integral is in the form of the elliptical
integral of the 1st kind, F, and, thus, becomes:
R = F
2πλa
, (12)
where F represents the elliptical integral of the 1st kind over
the contact zone [10]. For the two-body contact of balls and the
two rings, we have:
Rbr = F2πλba +
F
2πλra
. (13)
Due to high rotational speeds, all balls are assumed to have
similar thermal conditions and, therefore, are regarded as a unit.
The thermal resistance at inner and outer contact zones is:
Rbi = RbiZ , Rbo =
Rbo
Z
. (14)
Bearing rings and the housing/shaft are usually attached by
clearance fitting. The gap between fitted bodies, denoted as h
in Figure 3(b), depends on body temperatures and also initial
clearance, h0. Heat transfer through the gap is characterized by
thermal conductance as below [9]:
Π = 1hring
λring
+ hgap
λair
A. (15)
hgap and λair are width of gap and conductivity of gap
air, respectively, and hring and λring are the mean width
and conductivity of the ring. A is the contact surface area.
The temperature dependence of the gap width for outer-
ring/housing and inner-ring/shaft contacts is given as:
hgo = h0 − (To − Th) αrh,
hgi = h0 − (Ts − Ti) αrs, (16)
respectively. Here, α is the coefficient of thermal expansion
(assumed to be the same for rings and balls), Th and rh are
housing mean temperature and inner radius, and Ts and rs are
shaft temperature and outer radius, respectively. As a result,
thermal resistances at inner and outer contacts are obtained as
below:
Ris = 1
Πis
, Roh = 1
Πoh
. (17)
Convection heat coefficients are obtained experimentally. For
convection from bearing rings, we have [9]:
hv = 0.0332λ Pr1/3

us
ν0dm
1/2
, (18)
in which Pr is the Prandtl number for the lubricant and us is
the relative ring velocity. λ is the thermal conductivity and ν0 is
the kinematic viscosity (centistokes) of the lubricant. Thus, the
thermal convection resistance can be obtained as:
Rvr = 1hvrAr . (19)
Ar is the surface area of the specific ring exposed to the
lubricant. The subscript ‘‘r ’’ will be replaced by ‘‘i’’ and ‘‘o’’ to
refer to inner and outer rings, respectively. If, in Eq. (18), us
is replaced by one third of the shaft/housing surface velocity,
and dm is replaced by their diameters, values for the convection
heat transfer between shaft/housing and the lubricant will be
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obtained [5]. The equation for the coefficient of convection heat
transfer between balls and lubricant, hvb, is [9]:
hvbD
λ
= 0.33ReD0.5 Pr0.4, (20)
which is valid for 0.7 < Pr < 217. In addition, the Grashof
Number, Gr, should satisfy the equation Gr < 0.1ReD0.5,which
is valid using conventional parameters [9]. ReD is the Reynolds
number in terms of ball diameter and its rotational speed about
its axis of rotation. The corresponding thermal resistance is:
Rvb = 1
πhvbZD2
, (21)
where D is the ball diameter and Z is the number of rolling
elements as before.
2.2.3. Heat transfer flow diagram
Using the heat generation and heat transfer terms obtained
above, we can establish a transient thermal network (Figure 4)
using the heat balance equation below:
Q˙ = ρcV dT
dt
, (22)
where ρ, c and V are body density, specific heat capacity and
volume, respectively, and dTdt is the time derivative of the body
temperature.
Writing the heat balance equation for three inner nodes
results in a system of differential equations, which is further
discretized by forward difference time marching. Arranging for
unknown temperatures, a system of algebraic equations will
result:
[Rinv] {T } =

Q˙

, (23)
which can be readily solved. {T } = {Ti, Tb, To}T is the
vector of unknown temperatures and

Q˙

is the vector of
transient thermal loads. Components of [Rinv], the inverse
thermal resistance matrix, and

Q˙

, are given in the Appendix.
Since the bearing is mounted between the shaft and housing,
bearing ring temperatures are applied as thermal loads to the
shaft and housing.Figure 5: Beam element geometry and structural degrees of freedom.
3. Shaft/housing model
3.1. Mechanical modeling
Shaft and housing are treated as Timoshenko beamelements
of a pipe type, with five structural and one temperature degrees
of freedom (Figure 5).
In finite element notation, the equation of motion of the
beam can be written as:
[M] {q¨} + [G] {q˙} + ([K ]+ [MC ]) {q} − {Fth} = {F} , (24)
[M], the mass matrix [G], the gyroscopic matrix, [K ], the
stiffness matrix, and [MC ], the centrifugal matrix, are taken
from [15]. {q} is the vector of structural degrees of freedom. F is
the vector sum of distributed and concentrated forces applied
on the beam. {Fth} is the vector of the thermal load and is
evaluated in the thermal model below.
3.2. Thermal modeling
The heat transfer equation for the finite element formulation
of the beam as a two-node two-degree-of-freedom thermal
element is presented here:
C te
 
T˙ e
+ K tbe + K tce  T e = Q ce  , (25)
{T e} is the vector of nodal temperatures, C te is the thermal
damping (specific heat) matrix,

K tbe

is the diffusion conduc-
tivity matrix,

K tce

is the surface convection matrix and

Q ce

is the convection surface heat flow vector. Details of these vec-
tors/matrices are presented in the Appendix. The thermal load
vector can be stated in terms of thermal field variables, as:
F eth
 = − K ute  T e+ F ute  , (26)
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
K ute

, the thermo-elastic stiffness matrix, and

F ute

, the
thermo-elastic force vector, are detailed in the Appendix.
Structural strains affect the internal energy of the beam
by entropy density change. Entropy density, S, for an elastic
isotropic material can be stated as [25]:
S = {α}T {σ } + ρCp
T0
1T , (27)
where {α} is the vector of thermal expansion coefficients, T0 and
1T are the absolute reference temperature and deviation from
the reference temperature, respectively, {σ } is the mechanical
stress vector, ρ is the density and Cp is the specific heat
capacity at constant pressure. Assuming all processes (heat
and work exchange) to be reversibly applied to the material,
Heat density, Q , can be expressed based on the second law of
thermodynamics [26]:
Q = T0S. (28)
Substituting Eq. (27) into Eq. (28), using constitutive equations
(which relate stress and strain in an elastic medium [27]) and
the relationship between specific heat capacities at constant
volume and constant pressure, Cp − Cv = T0ρ {α}T [D] {α}, the
following equation can be derived:
Q = T0 {α}T [D] {ε} + ρCv1T , (29)
where [D] is the elastic stiffness matrix, {ε} is the total strain
vector, and Cv is the specific heat capacity at constant volume.
This notation for heat density can be used in the heat transfer
equation to add the effects of mechanical strains on internal
energy. Arranging Eq. (29) in matrix form, an additional term,
accounting for mechanical strain effects, would emerge, which
is proportional to the rate of change of structural degrees of
freedom. The result would be:
C t
 
T˙
+ K tb+ K tc {T } + C tu {q˙} = Q f + Q c ,
(30)
C tu

is the thermo-elastic damping matrix (see Appendix).
Inserting Eq. (26) into Eq. (24) and combining the results with
Eq. (30), the thermo-elastic governing equations of the beam
will be obtained:
[M] [0]
[0] [0]

q¨
T¨

+

[G] [0]
C tu
 
C t
 q˙
T˙

+

[K ]+ [MC ]

K ut

[0]

K tb
+ K tc
 
q
T

=

FC + F ut
Q f + Q c

. (31)
Now, the bearing stiffness matrix from (10) can be added to
the stiffness matrix, [K ], in the above equations Terms of the
bearing stiffness matrix are added to the corresponding terms
in the shaft/housing stiffness matrix, which accounts for the
connectivity in nodes. Then, it is possible to form the equations
of motion of the entire spindle-bearing system:
M
 {x¨} + C {x˙} + K {x} = F . (32)
{x} is the vector of all degrees of freedom of the system,
M

,

C

,

K

are the system mass, damping and stiffness
matrices, respectively, and

F

is the vector of structural and
thermal nodal forces. The above matrix formulation is strongly
coupled. The Newmark method (which is an unconditionally
stable numerical method [28]) is used to solve this equationFigure 6: Iterative solution algorithm.
Figure 7: A schematic of the spindle system [10].
(see Appendix). The nonlinearity of bearing stiffness implies
that

K

depends on the solution variable {x}. Thus, the solution
at each time step consists of iteration updating the stiffness
matrix, based on the solution variable, and repetition until
convergence (Figure 6). If convergence is not achieved, the
solution stops and starts again aftermodifying initial conditions
and the time step.
Using the algebraic equation given in the Appendix, the
equation for the ith iteration in each time step is:
[Keff](i) {1x}(i) = {Feff}(i) − [Keff](i−1) {x}(i−1) , (33)
{x}(i) = {x}(i−1) + {1x}(i) . (34)
∥{1x}∥ is the criterion of convergence.
4. Model validation
In order to validate the structural and thermal models pre-
sented in thiswork, comparisonswith existing experimental re-
sults are presented in this section. In what follows, structural
and thermal models are separately compared with experimen-
tal results.
4.1. Mechanical validation
In this section, a typical spindle system is modeled by
combining bearing, shaft andhousing elements. For the purpose
of comparison, the systemmodeled here is similar to the system
presented in [10]. This system has five angular contact ball
bearings, as shown schematically in Figure 7. The bearings are
numbered from rear to front, i.e. from left to right in the figure.
Cao [10] modeled this spindle bearing system and carried
out experiments to validate his model. Here, the results of
modeling this system, using the presented formulation, are
compared with both sets of reported results in that reference.
An initial preload of 300 N is applied. The axial displacement
of the spindle nose under various preload values is depicted in
Figure 8.
Figure 9 shows the variation of bearing stiffnesswith preload
for the two end bearings in comparison with the reported
results in [10]. Since bearing stiffness cannot be measured
directly, only simulation results are presented for bearing
stiffness.
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Figure 9: Radial and axial stiffness of bearings as reported in [10] and obtained
here.
The increase of bearing stiffness with preload can be
observed in Figure 9. The variations of contact angle and contact
force, as a function of axial preload for bearing #1, are presented
and compared in Figure 10. These results are for static cases and,
therefore, there are no radial forces, and the force and contact
angle are the same for all rolling elements. There is a small
difference of contact angle between the two sets of results.
4.2. Bearing thermal validation
Pinel et al. [29] presented experimental results for thermal
flow in angular contact ball bearings. In order to validate the
proposed thermal model, here, we compare the results of the
bearing thermal model presented in this work with those
given in their experiments. Therefore, the specifications for the
bearing model are adapted from [29], as presented in Table 2.
The experiments in [29] are accomplished using a High-
Speed, Small Bore Bearing Test Machine, which was formerly
manufactured according to [30]. First, the static condition (no
rotation) is considered. Maximum Hertz stresses and contact
angles of the bearing balls are presented in Table 3 for two
loading conditions: an axial load, and a combination of axial and
radial loads. The magnitudes of axial and radial loads are 667 N
and 222 N, respectively.
Dynamic results for 50000, 65000 and 72000 rpm, and a
667 N axial load, are presented in Table 4. It should be notedFigure 10: Contact angle (a), and contact force (b) of bearing #1 as reported
in [10] in comparison with this work.
that due to axisymmetric loading and geometrical conditions,
all rolling elements experience similar situations.
There is reasonable agreement between the results in the
static case. However, in the dynamic case, the simulation
results show an increase in the inner ring contact angle and
a decrease in outer ring contact angles, whereas the reported
results show a decrease in inner ring contact angles with
speed. The trend in simulation results are in general agreement
with experimental and theoretical results previously reported
by other researchers [3,13]. Therefore, the difference between
simulation and experimental results above may be due to
the cage effect on rolling element positions, which is not
considered in the present simulation. The bearing cage has an
insignificant effect in static situations, while its effect increases
with increasing speed.
Thermal characteristics of the proposedmodel are also com-
pared with reported results in [29]. The initial temperature
of the system is 25 °C. The Lubricant is Neopentyl Polyol Es-
ter, which retains its properties at high temperatures up to
260 °C [29]. Since the properties of the lubricant media are
strongly temperature dependant, its temperature should be es-
timated. Therefore, the bearing mean temperature is consid-
ered for the lubricant temperature within the modeling pro-
cess, and temperature dependant properties of the lubricant are
used. This temperature is actually the mean value of bearing
components’ (rings and rolling elements) temperatures, which
is computed by giving weight to the surface area they have in
contact with the lubricant. Figure 11 presents the bearing heat
generation rate at different speeds. It is observed that increasing
speedwill result in a higher rate of heat generation, as expected.
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No. of rolling
elements
Ball
diam. (mm)
Ball material Bore (mm) O.D. (mm) Inner confor-
mity (%)
Outer
conformity (%)
Clearance (mm) Contact
angle
16 7.14 AISI 4030 35 62 54 52 0.074 24Table 3: Static results for maximum contact forces and angles as modeled and reported in [29].
Mounted contact angle (Max.) Max. hertz stress inner (GPa) Max. hertz stress outer (GPa)
Simulation Experiment Simulation Experiment Simulation Experiment
Thrust load only 35.021 33 1.2930 1.3 0.9882 1.0
Combined loading 27.579 24.5 1.6681 1.7 1.2834 1.3Table 4: Dynamic results of bearing analysis.
Speed (rpm) Mounted inner contact angle Mounted outer contact angle Max. hertz stress inner (GPa) Max. hertz stress
outer (GPa)
Simulation Experiment Simulation Experiment Simulation Experiment Simulation Experiment
50000 30.9250 40.2 9.6744 8.4 1.2123 1.22 1.4728 1.54
65000 32.21 39.6 6.2008 5.2 1.1981 1.22 1.6829 1.80
72000 34.69 38.5 5.4610 4.4 1.1930 1.23 1.8126 1.91Figure 11: Bearing heat generation rate as a function of rotational speed, as
modeled and reported in [29].
Figure 12: Bearing ring temperatures for different speeds as modeled and
reported in [29].
Figure 12 shows the variation of temperature of the bearing
rings at a range of rotational speeds in comparison with
experimental results. In a rotating bearing, centrifugal forces
make outer ring contact forces and their corresponding heatFigure 13: Schematic of the spindle system.
generation rates higher than those of the inner ring. This is in
agreementwith data in Figure 12, as the outer ring temperature
is higher than the inner ring temperature.
5. Study of a typical spindle system
In this section, the thermo–mechanical behavior of a typical
machine tool spindle system is studied using the proposed
solution algorithm. The system consists of a shaft supported by
four angular contact bearings inside its housing. Two bearings
are at the rear and two at the front (Figure 13) numbered from
left to right. The rear bearings are preloaded by a constant force
of 1500 N. This load is transmitted to the front set through
the shaft. In addition, front bearings have been preloaded by a
0.02 mm compression in an ‘‘O’’ configuration. A radial force of
200 N is applied at the shaft tip.
6. Results
Thermal and mechanical simulation results for the spindle
system presented in Section 5 are presented here, with the
specified operation conditions. Thermal properties of bearings,
including their lubrication condition, are similar to those used
in Section 4.2. The tool and tool holder are considered as parts of
the spindle shaft. First, the results for a static case are presented.
Figure 14 shows the radial and axial deformations of the shaft
and housing for static loading. The slope in the mid part of the
shaft is due to the backward tension resulting from applied
preload.
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Figure 15: Heat generation vs. speed-preload in bearing #2 (a), and bearing #4
(b).
Heat generation in two of the bearings is presented in
Figure 15 as function of speed and preload. It can be observed
that heat generation increases as speed and preload increase.
This figure also implies that the largest heat generation occurs
in bearing #4. This is due to the fact that a great part of the radial
load is transferred to the front bearing.Figure 16: Axial load for bearing #3 (a), and bearing #4 (b).
Figure 17: (a) Inner ring temperature, and (b) outer ring temperature for
bearing #4.
For the specific preloading mechanism encountered in this
spindle configuration, rear bearings have constant axial load
while front bearing axial load varies with speed and time
(Figure 16); however, equilibrium implies that the axial forces
be the same in the two front bearings. This time variation is
mainly due to the relative thermal expansion of the shaft and
housing. As this figure illustrates, the axial force in the front
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Figure 19: Shaft tip axial deflection with speed.
Figure 20: Radial frequency response at shaft tip.
bearing might increase as high as three times its initial value
at high speeds.
Figure 17 shows that the temperature rise in the inner and
outer rings of bearing #4 is at various speeds within 10 min of
rotation.As the solution procedure is very time consuming, only
10 min of real time are considered for the presented results.
Of course, the overall behavior of the system could be easily
deduced and the time constant of the system seems to be about
17min. The temperature variations along the length of the shaft
and housing at 10000 rpm, at different times, are plotted in
Figure 18. The locations of bearings as the sources of heat are
clearly shown in this figure. The highest temperature rise in the
shaft and housing occurs in the vicinity of bearing #4, for it is
the most heavily loaded bearing.
Figure 19 presents the variations of shaft tip axial displace-
ment with time, which is due to temperature distribution and
the resulting thermal expansion. This figure implies the effect
of speed on thermal behavior.
It is interesting to note the variation of the dynamic response
of the system due to temperature variation in the bearing.
Figure 20 compares the frequency response at the shaft tip in
the radial direction for a static case with that for a case of a
rotating shaft at 20000 rpm. This figure shows the reduction of
natural frequencies and the softening of the systemwith speed.
The variation of system response at high speed is particularly
important from the viewpoint of the prediction of chatter at
high speed.
7. Conclusion
The dynamic behavior of a spindle system is affected by
its thermal properties. As speed increases, bearing stiffness
decreases (Figure 14). Another effect of speed is the increase in
thermal loads and displacements. Heat generation also depends
on loads (Figure 15). The most severe thermal conditions
occur near the most heavily loaded bearing. Reduction in
natural frequencies (Figure 20) suggests a softening of the
spindle by speed. Mechanical models are usually time-
independent, but, when the thermal characteristics of the
system are considered, more complicated situations would
arise, due to heat generation and heat transfer, and their
effects on thermal and mechanical properties. This can explain
the unpredicted failure problems encountered in high speed
spindle applications.
Appendix
A.1. Components of Eq. (23)
Inverse thermal resistance matrices are given in Box I.
A.2. Components of Eq. (25)

C te
 = ρc  {NT } {NT }T dV ,
K tbe
 =  [BT ]T [K ] [BT ] dV ,
K tce
 = 
S3
hf {NT } {NT }T dS3,

Q ce
 = 
S3
TBhf {NT } dS3, (A.3)
where {NT } =

1− xL

, xL
T is the vector of the thermal
field shape functions, [BT ] =
−1/L 1/L
1/L −1/L

is the temperature
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.1)
.2)[Rinv] =

1
Rbi
+ 1
Rvi
+ 1
Ris
+ ρiVici
1t
− 1
Rbi
0
− 1
Rbi
1
Rbi
+ 1
Rbo
+ 1
Rvb
+ ZρbVbcb
1t
− 1
Rbo
0 − 1
Rbo
1
Rbo
+ 1
Rvo
+ 1
Roh
+ ρoVoco
1t
 , (A

Q˙
 =

Q˙i + TL
(n)
Rvi
+ Ts
(n)
Ris
+ ρiVici Ti
(n−1)
1t
Q˙b + TL
(n)
Rvb
+ ZρbVbcb Tb
(n−1)
1t
Q˙o + TL
(n)
Rvo
+ Th
(n)
Roh
+ ρoVoco To
(n−1)
1t

. (A
Subscripts ‘‘i’’, ‘‘o’’ and ‘‘b’’ stand for inner ring, outer ring and ball, respectively. (n) indicates the nth time step.
Box I:gradient matrix, and [K ] =

kxx 0 0
0 kyy 0
0 0 kzz

is the Conductivity
Matrix. L, hf and TB are element length, convection coefficient
of heat transfer and surrounding fluid bulk temperature,
respectively.
A.3. Components of Eqs. (26) and (30)

K ute
 = −  [B]T [D] {α} {NT }T dV ,
F ute
 = −Tref  [B]T [D] {α} dV ,
C tue
 = −T0 K ute T ,
(A.4)
where [B] is the strain displacement matrix, [D] is the elastic
stiffness matrix, {α} is the vector of thermal expansion
coefficients, and Tref and T0 are relative and absolute reference
temperatures.
All integrals are taken on element volumes.
A.4. Newmark algorithm
Eq. (32) is reduced to the following algebraic equation for
each time step:
[Keff] {x (t +1t)} = {Feff (t +1t)} , (A.5)
where:
[Keff] = 4
1t2

M
+ 2
1t

C
+ K ,
{Feff (t +1t)} = {F (t +1t)} +

M
 {x¨ (t)} + 4
1t {x˙ (t)} +
4
1t2
{x (t)}

+ C {x˙ (t)} + 2
1t {x (t)}

and1t is the time step.
Starting from initial conditions {x(0)} and {x˙(0)} and assuming
that {x¨(0)} = {0 0 . . . 0}T , we have:
x¨ (t +1t) = 4
1t2
[x (t +1t)− x(t)]− 4
1t
x˙(t)− x¨(t).
And:
x˙ (t +1t) = 2
1t
[x (t +1t)− x(t)]− x˙(t). (A.6)References
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